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The use of a novel 3-port condensing wave rotor is suggested to enhance the turbocom-
pression in a refrigeration cycle that works only with water (R718) as a refrigerant.
Although the implementation of such a wave rotor essentially reduces the size and cost of
R718 units, their efficiency may also be increased. The condensing wave rotor employs
pressurized water to pressurize, desuperheat, and condense the refrigerant vapor, all in
one dynamic process. The underlying phenomena of flash evaporation, shock wave com-
pression, desuperheating, and condensation inside the wave rotor channels are described
in a wave and phase-change diagram. The thermodynamic process is shown in pressure-
enthalpy and temperature-entropy diagrams. Based on the described thermodynamic
model, a computer program was generated to evaluate the performance of R718 baseline
and wave-rotor-enhanced cycles. The effect of some key parameters on the performance
enhancement is demonstrated as an aid for optimization. A performance map summarizes
the findings. It shows optimum wave rotor pressure ratio and maximum relative perfor-

mance improvement of R718 cycles by using the 3-port condensing wave rotor.
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Introduction

There has been a tremendous effort by the refrigeration and
air-conditioning industry to find the best substitute for chloro-
fluorocarbon (CFC) refrigerants [1,2). The search for new and
environmentally benign refrigerants has renewed interest in tech-
nologies that use natural refrigerants, such as water (R718). Con-
sidering all pros and cons of natural refrigerants already described
in previous studies [3,4], water can be considered as an attractive
refrigerant because of its following advantages:

* It has no global warming potential (GWP=0).

* It has no ozone depletion potential (ODP=0).

« Itis nontoxic, nonflammable, easy to handle, and inert to the
environment (minimizes safety precautions).

¢ It has no risk of future restrictions due to refrigerant envi-
ronmental impact.

¢ It has no disposal problem after use.

» It works with very low pressure differences, reducing safety
precautions.

o It has high theoretical coefficient of performance (COP),
competitive with CFCs depending on the evaporatoration
temperature [5,6].

* The system working with water as a refrigerant can use
direct heat exchangers for evaporation and condensation.
Therefore, R718 systems can obtain very high COP [7].

* Tap water, treated waste water, or coarsely filtered river wa-
ter can be used directly as make-up water (warehousing
bulky refrigeration canisters is not required).

¢ Chiller systems, coupled with a closed cooling tower loop,
allow for diminished water treatment.
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« Turbochillers using water as a refrigerant have shown to be
inherently much less noisy than conventional compression
chiller systems.

Despite the above attractive features, there are a few challenges
of using water as a refrigerant compared to traditional refrigerants.
At the triple point, the vapor pressure of water is only 611 Pa,
which is <1% of the atmospheric pressure. The low operating
pressures of water-vapor refrigeration systems combined with the
steep vapor pressure curve of water requires compression systems
that can handle large-volume flows while still delivering high-
pressure ratios [8—11]. This states challenges for the compressor
design. Although single-stage tarbo compressors commonly de-
liver large-volume flows with mostly insufficient pressure ratios,
positive displacement compressors can obtain high-pressure ratios
but only for relative small-volume flows. A technical compromise
has been the use of multistage turbocompressors with intercooler
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Water Refrigeration Cycles. Figure 1 pictures the schematic
of a two-stage R718 turbochiller with direct condensation and
evaporation, two high-performance centrifugal compressors, and
an intercooler. Figure 2 is a schematic thermodynamic model for
the actual system. R718 units can be comprised of three directly
interlinked cycles: (i) a cooling water cycle that condenses the
superheated vapor from the compressor and releases the thermal
energy to the ambient through a heat exchanger device, mostly a
cooling tower; (ii) a chilled water cycle that absorbs thermal en-
ergy from the heat source and transfers it to the refrigerant by
phase change; and (iii) a refrigerant cycle or the core cycle that
consists of four components: compressor, expansion device, con-
denser, and evaporator. Cooling towers can be direct (open-
circuit) or indirect (closed-circuit) heat rejection equipment. In the
direct type, cooling water is exposed directly to the atmosphere.
The warm cooling water is sprayed over a fill that increases the
contact area, and air is blown through the fill. The majority of heat
removed from the cooling water is due to partial evaporation of
the cooling water requiring a permanent replenishment. The re-
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Fig. 1 Schematic of a R718 chiller unit with direct condensation and evaporation

maining cooled water drops into a collection basin and is recircu-
lated to the chiller. Using such an open circuit, a pump is required
before the cooling tower to pump the water out of condenser at
subambient pressure to somewhat above ambient pressure. In this
case, considerable throttling occurs after the cooling tower when
the water enters the condenser under vacuum, which is shown by
a throttling valve in Fig. 1. The use of direct heat exchangers may
result in contamination of the refrigerant with noncondensable
gases, solids, or entrained liquids [10]; therefore, using indirect
heat exchangers may reduce the cost associated with degasifiers
and cleaning. There are two options for realization, which can be
used alternatively or combined. First, an indirect cooling tower
can be employed in which water circulates through tubes (coils)
located in the tower without coming in contact with the outside air
and pressure. The cooling-tower heat transfer still may be en-
hanced as needed by wetting the outside of the coils utilizing
evaporative cooling. If an indirect cooling tower (closed circuit) is
used, the pump needs only to overcome the pressure loss in the
cooling circuit and throttling losses at the entrance to the evapo-
rator can be minimized. In such a case, the pump can be placed
before or after the cooling tower, depending on where pump cavi-
tation is prevented best considering the competing effects of tem-
perature drop and pressure loss across the cooling tower. Second,
the cooling tower can be separated from the chiller unit using
effective plate heat exchangers. These typically introduce only
| K additional temperature difference, which adds to the ~1 K
temperature difference in the internal direct heat exchanger (con-
denser). This is still superior to an internal indirect condensing
heat exchanger, which may typically introduce a temperature dif-
ference of ~5 K.

Disadvantages of the current state-of-the-art R718 units (Fig. 1)
are mainly their size and cost. The size is due to the use of two
centrifugal compressors with comparably large diameters and vo-
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luminous (same diameter) internal direct heat exchangers. The
cost is mainly generated by the two relative expensive compres-
sors with independent variable speed drives. An additional chal-
lenge has been obtaining high peak compressor pressure ratios for
high temperature lift. One reason has been the limited compressor
efficiency that results from the special wheel construction and the
limited pressure recovery of the steady-state diffuser, which de-
celerates the high-speed vapor flow out of the high-performance
wheel. Low Reynolds numbers of water vapor under vacuum (300
times lower than if R134a or R12 are used) [11] are an additional
challenge for achieving a high efficiency. The presented work is
part of the ongoing research to improve the compressors and heat
exchangers and to reduce the size and cost of the whole unit.

R-718 Refrigeration Cycle Enhanced With a 3-Port
Condensing Wave Rotor

The potential for using wave devices in thermodynamic cycles
for power generation, propulsion, and refrigeration has attracted
the attention of researchers since the early twentieth century.
Shock tubes, shock tunnels, pressure exchangers, pulse combus-
tors, pulse detonation engines, and wave rotors are among the
best-known wave devices developed thus far. These devices rep-
resent applications of classical nonsteady, one-dimensional com-
pressible flow theory. It is well known, but not yet widely em-
ployed, that time-dependent flow devices can generate much
greater pressure rises than those obtained in steady-state flow de-
vices [13-15]. By generating shock waves in appropriate geom-
etries, unsteady wave machines can transfer the energy of a high-
pressure fluid directly to another low-pressure fluid without using
mechanical components, such as pistons or vaned impellers.

Within the family of wave devices, wave rotors have demon-
strated a favorable potential for reaching the ultrahigh perfor-
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Fig. 2 Schematic of thermodynamic model of a R718 chiller unit with a two-stage com-

pressor and a direct condenser

326 / Vol. 128, DECEMBER 2006

Transactions of the ASME



T — 1} 1 -
/ | N |
/ | \ |
o
08 = o3 [\l
gz H g2 -, l
Condenser € = g s w Evaporator | i =2m
(3]
! 2B = L ]
"._ ‘ I 9! : E a8 |
\ s |
g | ) 1
.
|
|
/T 0 - !
=l 4 s
‘ \ g g / .\
| ¢ ) 1
! Condenser | 5 & CWR | b |=12m =2m
B | \ /
‘ g : £ A i V. 1
-4 :
- | s = R
=4.7Tm

Fig. 3 Size reduction by combining intercooler, second-stage compression,
and condensation into a condensing wave rotor (CWR)

mance targets of power systems and for lowering their cost. Much
research has been devoted to the progress and development of
wave rotor technology, especially in the past few decades. Most of
the work in the U.S. expands from the early efforts of the General
Electric Company (GE), General Power Corporation (GPC), and
Rolls Royce [16,17] to the recent activities of the wave rotor team
at NASA Glenn Research Center (GRC), collaborated by the U.S.
Army Research Laboratory (ARL) and Rolls-Royce Allison
[18-27].

The present study demonstrates the enhancement of a tur-
bocompression refrigeration cycle that uses water as refrigerant
(R718) by utilizing a novel 3-port condensing wave rotor. Adding
a wave rotor to a R718 cycle enables greater temperature lift or
reduces the compressor pressure ratio, which is crucial for the
R718 chiller technology, where the stage pressure ratio is very
much limited by the thermodynamic properties of water vapor.
Some structural and economic advantages of integrating both
4-port and 3-port wave rotors in a R718 cycle have been discussed
in a previous study [15]. Using a 3-port condensing wave rotor in
a water refrigeration cycle can improve the coefficient of perfor-
mance of R718 units [28] while reducing their size and cost. Its
successful implementation may replace three subsystems: the in-
tercooler, one compressor stage, and the condenser. With conser-

vative measures as shown in Fig. 3, this may reduce the overall
size of the R718 unit to nearly 50%, since the volume of these
three subsystems reduces down to about one-tenth of the current
size [29]. It is noted that the wave rotor length is a design param-
eter that adjusts with rotational speed and the speed of sound
within the fluid. The wave rotor diameter is governed by the vol-
ume flow rate of the precompressed vapor out of first compressor
stage into the condensing wave rotor and the number of wave
cycles per revolution. A schematic thermodynamic model of a
R718 cycle using a 3-port condensing wave rotor is depicted in
Fig. 4. In this innovative design, condensation of vapor occurs
inside the wave rotor channels as explained below.

Although Fig. 5 shows a schematic of a 3-port condensing
wave rotor, Fig. 6 schematically shows the regions modeled for a
channel during compression and condensation. The following ex-
planation follows the points (states) introduced in Fig. 4. Coming
from the turbocompressor (2), the superheated vapor flows con-
tinuously through a vapor collector (shown in Fig. 5) to the inlet
port of the wave rotor located at one of the two stationary end
plates. By rotating the wave rotor between the two end plates, the
wave rotor channels are opened to the port and filled with the
incoming superheated vapor. Region (a) in Fig. 6 is the state after
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Fig. 4 Schematic of the thermodynamic model of a R718 chiller unit enhanced by a 3-port con-
densing wave rotor (CWR) substituting for the condenser and for one stage of compressor
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Fig. 5 Schematic of a 3-port condensing wave rotor

the filling process is completed. After further rotation, the chan-
nels meet the second-inlet port (6) through which the high-
pressure low-temperature water (e) comes in and is exposed to the
low-pressure high-temperature superheated vapor in region (a).
Because of the sudden pressure drop (from pg to p,), all the heat
cannot be contained in the incoming water as sensible heat, and
the heat surplus is transformed into latent heat of vaporization.
This is the so-called flash evaporation or flashing phenomenon
[30.31]. Therefore, one portion of the incoming water suddenly
vaporizes (¢) and the remaining part cools down (d). The frontal
area of the saturated vapor (c) generated by the flash evaporation
is called the contact interface and acts like a fast-moving piston. It
causes a shock wave triggered from the leading edge of the inlet
port traveling through the superheated low-pressure vapor, which
exists inside the channel (a). The shock wave travels with super-
sonic speed (Vi) faster than the contact interface (Viyerfuce)-
Therefore, the trajectory of the shock wave (solid line in Fig. 6)
has a smaller slope than the incoming water and the contact inter-
face of the generated vapor (dashed line). Behind the moving
shock wave (b), the temperature is increased from T, to T,, and
the pressure is increased from p, to p.r=p; due to the shock
compression. The latter is a design decision similar to a tuning
condition. With it, the pressure at the inlet port ps is set to an
appropriate value that generates the pressure ratio pg/p, required
to trigger the desired shock wave. The superheated vapor will be

b)

[

Fig. 6 (a) Schematic wave and phase-change diagram for the
3-port condensing wave rotor (high pressure part) and (b) A
magnified channel showing the regions modeled during com-
pression and condensation
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condensed at pressure p3. This shows that the fluid in its liquid
state serves as a “work capacitor” storing pump work to release it
during its expansion in the wave rotor channels for the simulta-
neous vapor compression. Therefore, in the enhanced system the
pump in the cooling water cycle not only has to provide the work
necessary to overcome the pressure loss in the heat rejecter cycle
wpy, but also the work necessary for the shock wave compression
in the wave rotor channels wpe. The pressure behind the shock
wave (b) is imposed on the vapor generated by the flash evapo-
ration (¢). It is the pressure at the water surface and the equilib-
rium pressure at which the evaporation decays p(c)=p(b)=p;.
Hence, both generated vapor and the cooled water obtain the satu-
ration temperature T3=7,(p3).

Because of the direct contact of the superheated compressed
vapor (b) with the cold incoming water (e), the superheated vapor
is desuperheated and its heat is transferred (f) to the incoming
water. This continues until the equilibrium temperature T3 is
achieved in region () and the superheated vapor is changed to
saturated vapor. Subsequently, the incoming water compresses the
saturated vapor further and condenses it, while the latent heat is
transferred to the incoming water (g). The water, which is nearly
a fully condensed two-phase vapor with a typical quality of 0.005,
is scavenged through the only outlet of the wave rotor (3). The
scavenging process may be supported by gravity and pump power.

The schematic pressure-enthalpy (p-/1) and temperature-entropy
(7-5) diagrams of both the baseline and the wave-rotor-enhanced
cycle are depicted in Figs. 7 and 8, respectively. Both cycles start
at the outlet of the evaporator (state 1), where the vapor is satu-
rated. State 2, represents the compressor outlet of the baseline
cycle, whereas state 2 is the compressor outlet of the wave-rotor-
enhanced cycle, which allows using a compressor with a lower
pressure ratio. State 2" is an intermediate state inside the wave
rotor channels that corresponds to the flow properties in region (b)
right after the shock wave. The slope between states 2 and 2’ is
greater than that between states 1 and 2, because the shock com-
pression typically occurs with a higher efficiency [13-15]. Still
inside the wave rotor channel, the superheated vapor is desuper-
heated to the equilibrium temperature T3 (2’ —3). State 3 is ac-
tually much closer to the liquid region than shown in Figs. 7 and
8 because the mass flow rate of the cooling water cycle (i) is
much greater than that of the core cycle (si1,). Knowing this, it
becomes clear why the distances between states 3, 5, and 6 are
magnified in this schematic diagram. The expansion process (6
—3) releases the energy consumed by the compression process of
the vapor (2—2) all within the wave rotor channels. Coming
from the only outlet port of the wave rotor (state 3), the flow
diverges. The small fraction used as refrigerant is directed to the

Transactions of the ASME
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Fig. 7 Schematic p-h diagram of a R718 baseline cycle and enhanced cycle with a

3-port condensing wave rotor

expansion valve and is expanded in a constant enthalpy process
(3—4), while largest part of the flow out of the wave rotor is
pumped (3—35), providing the energy for the vapor compression
in the wave rotor wpe and compensating for the pressure loss in
the heat rejecter and associated piping wp,. In this case, an in-
ducer pump may be used to avoid cavitations problems. Then, the
fluid goes into the heat rejecter (cooling tower or similar) where it
cools off (5—6). In the enhanced cycle, the inlet port of condens-
ing wave rotor can be viewed as throttling; therefore, a separate
expansion valve is not shown. In difference to the insenthalpic
expansion (throttling), in the condensing wave rotor most of the
pressure is recovered immediately for compression of the refrig-
erant gas in the channels of a condensing wave rotor. The expan-
sion in the condensing wave rotor can be viewed as a turbine
expansion in which the work necessary for refrigerant compres-
sion is extracted.

Figure 9 pictures one possible integration of a condensing wave
rotor in a R718 cycle. This innovative design unifies a significant
part of the compression with the desuperheating and condensation
of the refrigerant vapor in a compact dynamic unit. Such innova-
tive designs of R718 chillers with integration of condensing wave
rotors will result in manufacturable, easily scalable (3-300 kW),
and high-efficient refrigeration cycles.

Performance Evaluation

A computer code based on the thermodynamic model described
below is generated for performance evaluation of R718 refrigera-
tion cycles enhanced with 3-port condensing wave rotors. The
evaporator temperature 7, and heat rejecter temperature Ty are
commonly fixed by the application. The objective is to get the
highest increase in coefficient of performance (COP,;,) compared
to the baseline cycle. Independent design parameters are the mass

L

Temperaturg 4

flow ratio (K'=ug/11,), which relates the mass flow of the cooling
cycle to the mass flow of the core cycle, and the pressure ratio of
the wave rotor (PRy=p3/p,).

Additional assumptions considered in the thermodynamic
model are as follows:

« For comparison of baseline and enhanced cycles, the evapo-
rator and condenser inlet temperatures are considered the
same (Tl':T”, and T]=T3f,).

* Temperature difference across the heat rejecter is kept con-
stant (T4—T5=3 K).

* Pressure drop in heat exchanger, evaporator, and pipes is
neglected.

* Condenser and evaporator outlet states are fully saturated.

* The same polytropic compressor efficiency is used for base-
line and enhanced cycles. Its value of 0.72 is obtained by
assuming an isentropic efficiency of 0.7 for a compressor
with a pressure ratio of 2.

* The superheated vapor is considered as an ideal gas (y
=1.33).

¢ One-dimensional gas-dynamic shock wave equations are
used to calculate the flow properties across the moving nor-
mal shock wave. Reflected shock waves are not considered.

*  The hydraulic efficiency of the pump is 0.9.

= Liquid water is considered as incompressible.

The Baseline Cycle. In the ideal vapor-compression refrigera-
tion cycle shown in Fig. 2, refrigerant from the evaporator flows
into the compressor as a saturated vapor, then it discharges into
the condenser as a superheated vapor. The saturated liquid refrig-
erant at the condenser outlet returns to the evaporator through the
expansion valve and then cycle repeats.

As shown in Table 1, saturation temperatures at the evaporator

o= 12 3 8Ty By, baselne cycle

1-2-2-3-56-34 wuve rotor enhanced cycle

Entropy

Fig. 8 Schematic T-s diagram of a R718 baseline cycle and enhanced cycle with

a 3-port condensing wave rotor
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Fig. 9 Novel compact R718 water chiller with integration of a
condensing wave rotor

and the condenser are the input data for this analysis. To obtain
the COP of the cycle, the thermodynamic states at each location
are determined sequentially as follows:

Compressor Inlet (State 1).
Ti=1T,
P =psa!(Tr) “)
hy=heo(T,)
Condenser Qutlet (State 3,,).
TJh = Tr

2
Pan= Ps:a:(Tc)

Iy = hsal(Tr)

Compressor Outlet (State 2;). The cycle overall pressure ratio
is calculated by

P3p
== (3)
P
and the enthalpy change across the compressor, assuming an av-
erage specific heat, is obtained by

Table 1 Input data for the baseline cycle analysis
Input data for the baseline cycle
Saturation temperature of the evaporator Te
Saturation temperature of the condenser T

330 / Vol. 128, DECEMBER 2006

Table 2 Input data for the enhanced cycle analysis
Input data for enhanced cycle
Saturation temperature of the evaporator T.
Saturation temperature of the condenser T.
Temperature drop in the condenser AT,
Mass flow ratio between chilled water cycle K
and the cooling water cycle
Pressure ratio of the baseline cycle II,
Pressure ratio of the wave rotor PRy,
Hydraulic efficiency of the pump 7,
1 (r-Dly
Ah= i C,T[(11,) -1] “)
c

where compressor isentropic efficiency 7¢ is calculated by assum-
ing a polytropic efficiency of 0.7. Therefore, thermodynamic
properties of the compressor outlet are

hzb = h| + A’l
Pa=P3b (3)
Tay=T(pap,hap)

Expansion Valve Outlet (State 4,,).

hyy=hy,
Pap =P (6)

Ty, =T(pypha)

By definition COP is the ratio between the processed heat at the
evaporator (g, =h,/hy,) to the work consumed by the compressor
(w.=hyy,—1y)

cop=It (7)

W,

The Enhanced Cycle. As shown in Fig. 4 in the enhanced
cycle, the superheated vapor leaving the compressor discharges
into the wave rotor. The pressure ratio of the compressor is less
than that of the baseline engine. After the compression of the
superheated vapor in the wave rotor, one portion of the almost
saturated water at the wave rotor exit (3) goes to the heat ex-
changer, whereas the other portion returns to the evaporator
through the expansion valve.

The input data for analysis of the enhanced cycle are given in
Table 2. To obtain the COP of the enhanced cycle, the thermody-
namic states at each location can be obtained sequentially as
follows:

Compressor Inlet (State ). The compressor inlet condition at
state 1 is the same as the baseline cycle.

Wave Rotor Outlet (State 3). The wave rotor outlet flow is
in the saturation region, very close to the saturated liquid line.
Therefore,

(8)
P3=palT)

Considering a control volume around the wave rotor, the conser-
vation of mass law gives

1l + Il = 1ty (9

and conservation of energy implies

Transactions of the ASME



haytity + hting = haity (10)
Using the definition of mass flow ratio (K=ri1¢/11>), Egs. (9) and
(10) can be combined as

|
h3=(m)(l:2+hﬁl() (11)
The enthalpy at state 6 will be calculated later.
Evaporator Inlet (State 4).
Pa=M
,l4 = ’13 (lz)
Ty=T(pshy)
and the quality of liquid is calculated by
Iy = ho (T,
_ 1y = hou(T2) (13)

= hsm(Te) = hsul(T(-)

Compressor Outlet (State 2). The compressor exit pressure is
calculated by

b

" PRy (14)

P2
and Eq. (4) is used to calculate the enthalpy at the compressor
exit. substituting the new value of compressor exit pressure.
Therefore,

ha=hy+ Ah

(15)
T2 = T(pz,hf_r)

Shock Wave Compression (State 2' ). As described above, due to
the sudden pressure drop from pg to p,, flash evaporation gener-
ates a shock wave triggered from the leading edge of the inlet port
traveling through the superheated low-pressure vapor, which ex-
ists inside the channel. Therefore, the temperature is increased
from T, to T5, and the pressure is increased from p, to par=ps.
Using moving normal shock relations, temperature increase is cal-
culated by [32]

ps v+l
* -1
=l P2 ¥=1 (16)
P2 1+7’+]£§_
y—1p:
and
Pr=p3
(17)

har = (T, par)

Pump Outler (State 5). As stated above, the pressure (ps) pro-
vided by the pump in the cooling water cycle is used to generate
the pressure ratio pg/p, required to trigger the desired shock
wave, Therefore,

Ps
Ap=(hy =)= 18
p=(h, 1-)K (18)

where liquid water is considered incompressible; therefore, ps
=p3=p(T3.ps). Thus,
ps=ps+Ap (19)

and the enthalpy increase by the pump is
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Fig. 10 Relative COP Increase versus evaporation tempera-
ture for different mass flow ratios

A
I 8 (20)
P57
where 7, is hydraulic efficiency of the pump. Therefore,
hs=hs+ Ah
(21)

Ts=T(pshs)

Heat Exchanger (Cooling Tower) Qutlet (State 6). For the indi-
rect cooling tower, the temperature drop across the cooling tower
is assumed AT, (see Table 2); therefore,

Tﬁ = T5 = ATC
Ps="Ps (22)

he=h(T4.pe)
Finally, COP for the enhanced cycle is obtained by

COP= ﬁﬂ (23)
where
qr=hy—hy
w,.=h,—h, (24)

w,=hs—hy

Results and Discussions

Figure 10 shows the percentage increase in COP relative to
baseline versus the evaporator temperature (7,) for different mass
flow ratios K. By increasing evaporator temperature 7, the COP
of the wave-rotor-enhanced cycle is increased relative to the COP
of the baseline cycle. This trend is seen until the compressor pres-
sure ratio in the enhanced cycle (IT.=p,/p,) is reduced to a value
that is equal to the wave rotor pressure ratio (IT.=PRy). After
that, the relative COPy;, drops dramatically.

DECEMBER 20086, Vol. 128 / 331
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Figure 11 represents the percentage increase in COP relative to
baseline versus mass flow ratio K for different evaporator tem-
peratures, such as a side view of Fig. 10. It shows only the in-
creasing branches of Fig. 10 up to an evaporation temperature
where the pressure ratio of the turbo compressor is reduced to the
value of the wave rotor pressure ratio. Increasing the mass flow
ratio above 200 appears as ineffective according to Fig. 11.

Figure 12 shows the effect of the wave rotor pressure ratio
(PRyy) on the percentage increase in COP relative to baseline for
different mass flow ratios K. Each curve has a maximum point
that indicates the best choice of wave rotor pressure ratio for the
given system specifications. The location of this point depends on
several parameters, including the hydraulic efficiency of the
pump, compressor polytropic efficiency, evaporator temperature,
and temperature lift T;—T', but not the mass flow ratio. One com-
mon characteristic shown in Figs. 10-12 is that a continued in-
crease of the independent value does not always increase the

IS o -] = ~

increase in COP relative to baseline(%)
N

1 1.5 2 25 3 3.5 4
PRy,

o : -+
45

Fig. 12 Relative COP increase versus the wave rotor pressure
ratio for different mass flow ratios
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Fig. 13 Heat rejecter temperature versus evaporator tempera-
ture for different wave rotor pressure ratios

COP,;n. Although Fig. 12 shows this effect for the wave rotor
pressure ratio, Fig. 10 reveals a growing gradient of COPy;,, up to
the point where further increase of evaporator temperature actu-
ally reduces COP,,;,,. A similar trend can be seen in Fig. 11 where
the curves have an asymptotic behavior for increased mass flow
ratio.

Figure 13 shows the heat rejecter temperature T versus evapo-
rator temperature for different wave rotor pressure ratios and a
constant relative COPy;, of 10%. The figure indicates that there
are several options for the wave rotor pressure ratio to obtain a
certain relative COP,,;,. However, only the optimum pressure ra-
tio of 2.45 yields the highest temperature lift.

Figure 14 is a performance map of the enhanced cycle. Each

45
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= tp baselife cycie F6%
L—
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Fig. 14 Performance map: maximum performance increase
and optimum wave rotor pressure ratios
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Table3 Calculated baseline cycle state values for the selected
optimum point P

State P [pal T[°C] h [Ifkg] s [Kkg K]
1, 1227 10.0 2519.90 8.90
2 4917 179.9 2840.90 9.14
3, 4917 326 136.50 047
4, 1227 100 136.50 049

point on this plot shows the maximum COP,,;, that can be ob-
tained by the optimum choice of PRy for a given evaporator
temperature and temperature lift. The constant PRy lines indicate
the optimum PRy, that yields the highest possible COPgy, indi-
cated by constant maximum COP,;, lines.

In this performance plot of optimized points, an arbitrary opti-
mum point P is marked. This point is used to show the connection
between all the performance graphs. However, it is the only opti-
mum point in the performance plots of Figs. 10-13. All other
points of these plots are not found in Fig. 14 because they show a
smaller COPg,;, than the points in Fig. 14. The calculated state
values for the optimum point P are tabulated in Tables 3 and 4.

The trend found in Fig. 10 was that for a given 75 and PRy, an
increase of the evaporator temperature results in a higher COP,;,
Such an effect can also be seen in the performance map of the
optimized points (Fig. 14) by moving point P to the right along
constant PRy line of 2.45. However, for temperature lifts below
~15 K (above maximum COP,,;, of ~16%) this effect is re-
versed such that the maximum COPg,;, decreases with increasing
evaporator temperature.

Figure 12 showed that for a given mass flow ratio and a com-
bination of evaporation and heat rejecter temperatures maximum
COPy;;, exists. Since point P is at the maximum of the dome, it
also appears in Fig. 14.

The following results can be obtained from the performance
map of optimized points:

1. The lower the temperature lift, the higher the relative maxi-
mum COPg;;, of the enhanced cycle is.

2. The maximum optimum PRy, for a condensing 3-port wave
rotor is about 2.51.

3. Although below a temperature lift of approximately 18 K,
the optimum PRy increases with the temperature lift and
decreases slightly for higher temperature lifts. This trend
shows a rapidly decreasing gradient with increasing tem-
perature lift.

4. The slope of constant COPgy, lines increases as the tem-
perature lift increases, showing that an increase of evapora-
tion temperature is even more beneficial for the enhanced
cycle, especially for greater temperature lifts as it is already
the case for the R718 baseline cycle.

Summary

In the present study, the advantages of cycles working with
water as a refrigerant (R718) and challenges involved with de-

Table 4 Calculated enhanced cycle state values for the se-
lected optimum point P

State P [pa) T[°C) h [Kkg] s [Kkg K]
1 1227 10.0 2519.90 8.90
2 2007 61.9 2616.61 8.98
2 4917 154.0 2791.27 9.03
3 4917 326 143.77 0.49
5 6307 34.7 145.33 0.50
6 6307 31.7 123.99 043
8 1227 10.0 143,77 0.51
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signing them are mentioned. To enhance the turbocompression
and improve the efficiency of such cycles, the novel concept of
3-port condensing wave rotors integrated in R718 compression
refrigeration cycles is investigated. The condensing wave rotor
employs pressurized water to pressurize, desuperheat, and con-
dense the superheated vapor coming from the compressor, all in
one dynamic process. The schematic p-h and T-s diagrams of the
external process and the wave and phase-change diagram of the
internal process are discussed. Flash evaporation, shock wave
compression, desuperheating, and condensation phenomena inside
the wave rotor channels are described. A computer code based on
a thermodynamic model is developed to evaluate the performance
improvement of R718 cycles enhanced cycles. The effect of some
key parameters on the performance enhancement is demonstrated
as an aid for optimization. Finally, a performance map showing
the optimized points of the enhanced cycle is presented. The pre-
sented results show an additional improvement of the COP of up
to 22% by using the 3-port condensing wave rotor. Besides the
performance enhancement, the condensing wave rotor allows
lower compressor pressure ratios for the same temperature lift or
increases the temperature lift without changing the compressor.

This wave rotor is a simple drum, easy to manufacture, rotating
at relatively low speed. Because it performs compression, desu-
perheating, and condensation in one compact device, it can reduce
the size and cost of modern state-of-the-art R718-chillers that now
employ high-tech multistage compressors, intercooler, and relative
bulky condensers. The details of process inside the wave rotor
channels will appreciate more investigations.
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The molten salt is a mixture of 60 percent sodium nitrate and 40 percent potassium-nitrate,
commonly called saltpeter. The salt melts at 430 F and is kept liquid at 550 F in an insulated cold
storage tank. The salt is them pumped to the top of the tower, where concentrated sunlight heats it
in a receiver to 1050 F. The receiver is a series of thin-walled stainless steel tubes. The heated salt
then flow back down to a second insulated hot storage tank. The size of this tank depends on the
requirements of the utility; tanks can be designed with enough capacity to power a turbine from two
to twelve hours. When electricity is needed from the plant, the hot salt is pumped to a conventional
steam-generating system to produce superheated steam for a turbine/generator.

The uniqueness of this solar system is in de-coupling the collection of solar energy from producing
power, electricity can be generated in periods of inclement weather or even at night using the
stored thermal energy in the hot salt tank. The tanks are well insulated and can store energy for up
to a week. As an example of their size, tanks that provide enough thermal storage to power a 100-
megawatt turbine for four hours would be about 30 feet tall and 80 feet in diameter. Studies show
that the two-tank storage system could have an annual efficiency of about 99 percent.
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RESEARCH IN MICROFLUIDIC TRANSPORT AT SANDIA
NATIONAL LABORATORIES

Hydrogen Production

Thermal redox systems for solar hydrogen generation

We are developing a rational design approach to thermal redox systems for the production of hydrogen. Currently, we are using thermodynamic analysis
of mixed-metal ferrite systems (e.g. AFe,0,, A = Mg, Co, Ni, or Zn) to determine optimal conditions for material synthesis, thermal reduction, and

hydrogen production. Redox cycles using iron-containing ferrites are being proposed for two-step water-splitting cycles for the production of hydrogen
from solar energy. These cycles consist of a thermal reduction step (TR: reaction (1)) in which solar energy is used to reduce the Fe(Ill) to the Fe(ll) state
with release of O,, followed by a water oxidation step (WO: reaction (2)) in which the reduced oxide reacts with steam to form hydrogen and regenerate
the ferrite:

AFe, O, — xAO+(3-x)FeO +0.50, (1
XAO +(3-x)FeO + H,0 —* A Fe, O,+H, @)

Our calculations are proving to be a valuable tool for selecting materials. For example, the results suggest that zirconia ceramic supports play both a
chemical as well as physical role in the redox process and that NiFe,0, displays the best overall combination of properties for solar redox cycles (see
Fig. 1).
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Figure 1. Comparison of oxygen partial
pressures in equilibrium with various metal-
substituted ferrites (MFe,0,). The dashed
blue line indicates p(O,) for air, showing the
temperature at which a given ferrite can be
reduced to suboxides (FeO + MO) in air.
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Thermal Storage Research and

Development

As part of its research program in concentrating solar power
(CSP), the U.S Department of Energy (DOE) sponsors research
and development (R&D) for thermal storage. The key goals for
thermal storage R&D are to

e Support industry in developing and deploying advanced
heat-transfer fluids and thermal storage systems

e Develop and characterize advanced heat-transfer fluids
and thermal-storage materials and systems to reduce
storage costs

e Update and integrate thermal storage cost and
performance models into CSP system models.

This page summarizes key thermal storage R&D activities by
the National Renewable Energy Laboratory (NREL) and Sandia
National Laboratories to attain the above goals in three areas:

e Storage systems
e Advanced heat-transfer fluids
e Industry support.

Storage Systems R&D

Storage systems R&D focuses on systems analysis issues that
relate to evaluating and improving the performance and cost of
thermal storage systems for parabolic trough power plants.
Representative projects in this area include the following:

Thermal Energy Storage Cost Analysis

We are developing a cost model for storage that determines
the capital costs of thermal energy storage based on the
quantities of commodity materials used to construct and
operate the system. Capital costs for the systems can then be
updated simply by updating the costs of the required
commodity materials. The method considers the practical limits
of tank size, including stress constraints and commercial
availability.

Thermal Energy Storage Modeling

http://www1 .eere.energy.gov/solar/thermal_storage rnd.html
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Specially developed computer software helps to model and analyze
the cost for CSP, including the impact of thermal energy storage.

We model heat-transfer and fluid dynamics within thermal
storage systems to better evaluate operation and overall
system performance. Comparative modeling of heat transfer
and fluid dynamics of the two-tank and thermocline storage
systems helps to determine relative performance benefits
and to optimize storage configurations and operational
strategies. The analysis considers total storage requirements,
charging and discharging power requirements, storage-vessel
size limitations, vessel orientation, and aspect ratio. Our goal
is to determine the optimal storage configurations for likely
solar field sizes that minimize the levelized cost of electricity.

Advanced Heat-Transfer Fluids R&D

Advanced heat-transfer fluids are essential for improving the
operation of CSP systems. Historically, trough systems have
used synthetic heat-transfer oils, power towers have
demonstrated direct steam generation and molten-salt
working fluids, and dish/engine systems have used hydrogen
and helium as working fluids. We are developing heat-
transfer and storage fluids that provide improved efficiency
and lower cost for CSP systems. Representative projects in
this area include the following:

Nitrate Salt Formulations

Sandia has developed and characterized a new low-freezing
(100°C) nitrate salt formulation. Researchers are now
characterizing the properties and performance of their new
nitrate salt formulation for use in parabolic trough power
plants.

Nanofluids

Solutia Inc.'s
Therminol VP-1 is the
current heat-transfer
fluid of choice in
parabolic trough solar
fields. It is thermally
stable to about 400°C

Aluminum nanoclusters can be tailored

http://www]1.eere.energy.gov/solar/thermal_storage rnd.html 29-Nov-08
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and has a low for unique thermochemical properties.
freezing point of 12°

C. NREL is studying a new class of nanofluids that possess
enhanced thermophysical properties including thermal
conductivity, heat capacity, freezing point, boiling point, and
high-temperature thermal stability. One goal is to develop
heat-transfer fluids with higher operating temperatures,
which allow a plant to operate with greater efficiency. A
second goal is to develop storage fluids with higher heat
capacities, which allow the use of much less storage fluid for
the same amount of storage capacity.

Non-Nitrate Molten-Salt Fluids

We are pursuing non-nitrate salts and other inorganic
substances as heat-transfer and storage fluids. We are
identifying candidates that possess the thermophysical and
fluid properties of the current nitrate salts, but without the
potential corrosive properties of some nitrate salts.

Materials Laboratory for Thermal Storage

We are establishing a materials laboratory to develop and
characterize advanced heat-transfer fluids, advanced storage
fluids, and advanced phase-change materials for thermal
storage applications. These materials will lead to increased
thermal storage capacity, thermodynamic efficiency, and
dispatchability, as well as lower levelized energy costs for
CSP power plants.

Laboratory capabilities will support experiments and validate
molecular dynamic modeling studies of nanophase materials
and will allow the study of novel phase-change materials.
Such materials are essential for implementing thermal
storage that is compatible with direct steam generation—
which is being considered as the next-generation heat-
transfer fluid for parabolic trough power plants.

Industry Support

NREL and Sandia provide technical testing and evaluation
support to its industry partners. DOE also coordinates
industry support for CSP thermal energy storage as it
collaborates with national laboratories in Europe—CIEMAT in
Spain and DLR in Germany.

Some of DOE's technical activities support the awardees of
financial opportunities for concentrating solar power. The
complete list of DOE-funded CSP projects is available on the
Concentrating Solar Power Industry Projects page that
specifically includes the thermal storage projects.
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